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A B S T R A C T 

The influences of natural frequency fnse, damping ratio of bus driver's seat suspension 

system on driver's comfort is investigated by the quarter-car 2DOF model, the frequency 

weighted acceleration parameter according to ISO-2631 standard is used to evaluate the 

comfort. Based excitations in the forms of harmonic and random are determined based on 

the experimental acceleration az_floor using the measuring device VM31. The results show 

that the optimal damping ratio determined with low fnse is always smaller than the case 

with high fnse for both the cases of harmonic and random excitations. The obtained comfort 

with low fnse is always 30.2% and 47.1% better than that of high fnse for the cases of 

harmonic and random, respectively. The optimal damping ratios for the random excitation 

case are always lower than their values for the harmonic case. In the case of low fnse, the 

comfort is improved by 7.64% and 24.19% compared with their average values in the 

entire damping ratio domain, corresponding to the harmonic and random excitations, 

respectively. However, corresponding to the high fnse case, the obtained comfort is lower 

and improved to only 3.37% and 6.44%, respectively. 

 

1. INTRODUCTION 

Currently, issues related to vehicles in general and cars in 

particular are of great concern, specifically electrification, 

finding alternative fuels for fossil fuels, and improving 

drivers' health under vibration [1 - 4]. This research aims to 

improve the responses of bus drivers to vibration by 

optimizing the seat suspension system. People working on 

vehicles can’t avoid being affected by vibrations. Vibration 

can come from the engine, from the rough road surface, or 

from the inertia of the process of changing working state, ... 

Normally, people operate and control vehicles in a sitting 

state, and the vibration in this sitting position according to 

[3, 4] is a form of whole-body vibration. One of the objects 

subjected to whole-body vibration is of primary concern is 

the bus driver because of the nature of the job, which must 

be exposed to continuous vibrations for a long time. This 

exposure causes many dangerous occupational diseases in 

bus drivers and has been statistically and investigated [5-7]. 

Commonly reported problems are motion sickness, 

headaches, and nausea, which have been reported in studies 

[3, 4, 8]. More serious diseases involving the cervical 

vertebrae, discs, and muscles of the back near the pelvis are 

of concern [9-11]. In addition, many studies have shown that 

whole-body vibration affects internal organs, physiological 

systems, digestive systems and reproductive organs of 

women [3, 4, 6]. 

Seat suspension systems are commonly used to reduce 

vibrations transmitted to the driver's body in both buses, 

long-distance large trucks, dump trucks, excavators working 

in construction sites, tunnels mines [12-14]. In order to 

ensure the most efficient working of the seat suspension 

system under each individual condition, studies to optimize 

the seat suspension specifications are carried out to 

investigate. Specifically, a study compares the effectiveness 

of vibration reduction in passive, semi-active, and active 

seats [13] and between different active forms [15]. A study 

on optimizing a dump truck seat suspension system through 

optimization of seat cushion, spring and shock absorber 

parameters are carried out [14, 16]. Driver vibration control 

using a 5DOF model, including a 4DOF split driver’s body 

model [17, 18]. Optimize driver comfort and the seat 

suspension's relative displacement using a 8DOF quarter-car 

model [19, 20] and a 13DOF whole-car model [21].    

This study determines the optimal damping ratio 

parameters of the bus driver's seat suspension system with 

two values of low and high natural frequencies. Calculations 

are carried out under the effect of harmonic excitation. The 

parameters to evaluate the comfort, the suspension dynamic 

deflection of the seat suspension system are analyzed as the 

basis for determining the optimal shock absorber 

corresponding to two values of the natural frequency of the 

seat. In addition, the comfort of the bus driver's seat with the 
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suspension system with the obtained optimal damping ratio 

is also analyzed based on the obtained results in the case of 

random excitation. In which, the random displacement 

signal is determined by a random mathematical model based 

on the random acceleration of the floor obtained by 

experiment. 

2. EXPERIMENTAL METHODS 

Wenda Gi.34 bus, gross weight 12.5 (ton), length 12.2 (m), 

6-cylinder diesel engine, Figure 1, used as the object of 

vibration measurement investigation. In particular, the 

vibration of the floor at the driver's sitting position is the 

measured factor in the study. Measurements are taken on a 

daily working route with the experimental apparatus setting 

up shown in Figure 2. The data collection is carried out on a 

40 (km) long route with an average speed 40 (km/h). 

 

 

Fig. 1. The bus Wenda Gi.34. 

 

 

Fig. 2. Experimental apparatus setup. 

 

When performing floor vibration acceleration 

measurement, the measuring device VM31 uses the 

measurement mode "General vibration acceleration 

measurement" to receive acceleration data az_floor from 

sensor KS963B100 in the frequency range from 0.2÷1500 

(Hz) and stored as interval root mean square (IRMS), Figure 

2. The KS963B100 sensor has specifications as: Measuring 

range ±60g, Voltage sensitivity 100mV/g, Linear frequency 

range 0.5÷1000 (Hz).  

The KS963B100 sensor collects floor acceleration data, 

which is then used to determine the displacement excitation 

of the floor. 

3. SIMULATION MODEL AND PARAMETERS 

3.1. Simulation model 

3.1.1. Driver seat dynamic 2DOF model 

 
Fig. 3. Driver seat dynamic 2DOF model.  

where: 

mse, md: mass elements of the seat and the driver, 

respectively (kg) 

cse, ccus: damping coefficients of the seat suspension 

system and the cushion, respectively  (Ns/m) 

kse, kcus: spring stiffnesses of the seat suspension 

system and the cushion, respectively (N/m) 

xse, xd: vertical displacements of the seat and the 

driver, respectively (m) 

,se dx x : vertical velocities of the seat and the driver, 

respectively (m/s) 

,se dx x : vertical accelerations of the seat and the driver, 

respectively (m/s2) 

y(t): based excitation (m) 

g:  gravity acceleration (m/s2) 

 

The model of the 2DOF driver's seat suspension system 

is shown in Figure 3. In which, the seat mass element mse is 

linked to the floor of the vehicle through the kse - cse seat 

suspension system. The driver mass element md is linked to 

the seat frame through the kcus - ccus seat cushion. 

3.1.2. Mathematical model 

The quarter-car 2DOF dynamic model is employed to 

determine the optimal damping coefficients corresponding 

to the low and high natural frequencies of the seat 

suspension system. This is a simple model and can 
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completely help determine the vibration evaluation indexes 

of the driver seat for both random and harmonic excitation 

cases. 

 

Fig. 4. Free body diagram of the mass elements. 

Applying the Newton's second law according to the free 

body diagram in the mass elements mse, md in Figure 4, we 

obtain the differential equations (1): 

         m X c X k X F   + + =     (1) 

where: 

     , ,m c k : matrices of mass, damping coefficient, 

and spring stiffness, respectively;  

 , ,X X X   
    : vectors of displacement, velocity and 

acceleration, respectively;  
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3.2. Calculation parameters 

3.2.1. Input parameters 

Input parameters of the model, Figure 3, are summarized in 

Table 1. In which, the spring stiffness kse, the damping 

coefficient cse of the seat suspension system are calculated 

respectively according to the natural frequency fnse and 

damping ratio ξse [22]. 

 
Table 1. Input parameters 

Symbol  Value  Unit  

md 65 kg 

mse 20 kg 

fnse 2.5; 4.0 [22] Hz 

ξse 0.1÷0.8 [22] - 

ccus 217 [14] Ns/m 

kcus 58400 [14] N/m 

 

3.2.2. Based excitation 

3.2.2.1. Random excitation 

The pavement random function according to ISO 8608 is 

employed to describe the random displacement signal 

profile of the bus floor yr(t) (2) [23]. 

 ( ) ( )
1

sin . .

N

r i i iy t A v t = −  (2) 

where: 

 Ai: the ith sine wave amplitude (m); 

N = 500: the number of sine waves is chosen; 

i = 1÷N: the ith sine wave; 

Ωi : the wavenumbers 
i are chosen to lie at N equal 

intervals   (rad/m); 

v = 40 (km/h): velocity; 

t: time (s); 

ψi: is the different sets of uniformly distributed phase 

angles in the range between 0 and 2π (rad). 

The ith sine wave amplitude Ai is determined (3) [23]. 

 ( )2i iA   =   (3) 

where: 

 ( ) 0
0

w

i
i


  



−
 

=  
 

 (4) 

with: 

Φ0 : the value of the psd at the reference wavenumber 

10 =  (rad/m) ; 

w = 2: the drop in magnitude. 

In order to determine the random excitation as the 

displacement variation of the floor surface over time, yr(t), 

from the experimental data obtained as RMS random 

acceleration of the floor over time, we select the excitation 

frequency domain in the normal range of the vehicle, from 
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[0.5÷20] (Hz) [13]. Using a mathematical model of the 

random of the pavement according to ISO 8608 [23], vary 

the value of the power spectral density parameter Φ0, until 

we obtain the RMS value of the nearest random pavement 

acceleration, which is incorrect not more than 2% deviation 

from the average value of the experimental interval RMS 

acceleration. The random displacement variation over time 

is chosen to be used as a random excitation at the vehicle 

floor. Performing calculations according to Figure 5, we can 

determine the value of power spectral density Φ0 = 5.8x10-8 

(m3/rad). The random acceleration satisfying the condition 

that RMS is approximately equal to the mean RMS of az_floor 

obtained by experiment, with an error of less than 2% 

according to the calculation procedure, Figure 5. 

 

 
Fig. 5. Determination flowchart of random excitation. 

3.2.2.2. Harmonic excitation 

The input excitation yh(t) in the form of a harmonic function 

in the normal working frequency domain of the vehicle f 

[0.5÷20] (Hz) [13], Figure 6, is employed. 

 

 

Fig. 6. Harmonic excitation [24]. 

The harmonic excitation in Figure 6 is described as a 

mathematical equation as (5) [24]. 

 
2

1

2
sin

2
h

d v
y t

d

 
=  

 
 (5) 

where:  

d1 = 1.0 (m) : length of bump; 

d2 /2 = RMS yr(t) (m): height of bump; 

v = 0.5÷20 (m/s): velocity; 

t: time (s). 

The bump length is chosen as d1 = 1.0 (m), so that the 

traveling velocity of the vehicle v [0.5÷20] (m/s) will 

correspond to the excitation frequency f [0.5÷20] (Hz) [13] 

according to (5). 

3.3. Gain responses 

At each frequency value of the harmonic excitation, the gain 

response of driver acceleration Gda and the gain response of 

seat suspension relative displacement Gdz are determined 

according to (6) and (7), respectively. 

 
( )
( )

max

max

d
da k

h

x
G w

y
=  (6) 

where: 

( )max hy : acceleration amplitude of the excitation 

(m/s2); 

wk: frequency weighting factor. 

 

 
Fig. 7. Frequency weighting factor wk [3]. 

 
( )

max

max

se h
dz

h

x y
G

y

−
=  (7) 

where: 

xse: driver’s seat displacement at the steady state (m);  

yh: displacement of the harmonic excitation (m);  

max(yh): displacement magnitude of the harmonic 

excitation (m). 
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Fig. 8. Optimization calculation flowchart. 

3.4. Optimization flowchart 

The optimization calculation flowchart describing the 

general investigating process of the gain response of the 

driver acceleration Gda and the relative displacement of the 

seat suspension Gdz on the excitation frequency domain f 

[0.5÷20] (Hz) [13], for the cases of the seat suspension’s 

spring and shock absorber, fnse and ξse, Figure 8. 
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The calculation is carried out under the harmonic 

excitation with 2 cases of the low and high natural 

frequencies of the seat suspension system, fnse = 2.5 (Hz) and 

fnse = 4.0 (Hz), respectively. In which, the damping ratio of 

the seat suspension system ξse is in the range [0.1÷0.8] [22]. 

The average parameters of the driver acceleration gain 

response and the suspension relative displacement gain 

response in the frequency domain, Mean Gda and Mean Gdz 

are determined for each calculation case of fnse and ξse values, 

respectively. 

4. RESULTS AND DISCUSSIONS 

4.1. Random excitation determination 

Typical experimental RMS floor acceleration in the time 

domain is shown as in Figure 9, with measurement duration 

of about 3600 (s) over a long distance of 40 (km), the 

average vehicle speed 40 (km/h), average value of RMS 

az_floor=0.632 (m/s2). 

 The measurement process is repeated 3 times, Figure 10, 

in which, the error between 3 measurements ranges from 

0.33% (0.617 (m/s2) at the 3rd time) to 2.76% (0.632 (m/s2) 

at the 1st time) compared to the minimum value of 0.615 

(m/s2) at 2nd time. The very small error (less than 5%) 

between measurements shows a high similarity in the 

operating state daily driving of the bus when traveling on the 

same route, same time frame and same working load. 

Accordingly, the mean value of RMS az_floor over time, Mean 

az_floor obtained from VM31 over measurements of 

approximately 0.621 (m/s2) has high reliability. It is used to 

determine random input displacement, Figure 5. 

 

 
Fig. 9. Typical experimental RMS floor acceleration in the time 

domain. 

 
 

 
Fig. 10. Mean az_floor obtained from VM31 over 3 times of 

measurement. 

 

 
Fig. 11. The calculated acceleration of the floor in the time 

domain, ( )ry t . 

 

 
Fig. 12. The calculated random displacement of the floor in the 

time domain, yr(t). 
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Figure 11 shows that the calculated random acceleration 

of the floor over time is based on the average value of RMS 

experimental acceleration, the Mean az_floor according to the 

procedure shown in Figure 5. In which, the calculated 

random acceleration RMS value of 0.614 (m/s2) has an error 

of 1.13% compared with Mean az_floor = 0.621 (m/s2). From 

there, the calculated random displacement of the floor over 

time yr(t) is determined and shown in Figure 12. The random 

displacement of the floor yr(t) obtained according to the 

procedure in Figure 5 with RMS yr(t) = 0.43.10-3 (m) is used 

as the harmonic excitation amplitude value d2/2, Figure 6. 

4.2. Gain responses in the frequency domain 

The responses of the driver's acceleration Gda and the 

relative displacement of the seat suspension system Gdz in 

the frequency domain f [0.5÷20] (Hz) [13] are shown in 

Figure 13 and Figure 14. The damping ratio cases include 

ξse=0.1, ξse=0.4 corresponds to the seat suspension system's 

natural frequency of fnse=2.5 (Hz) (low), and fnse=4 (Hz) 

(high). 

Figures 13 and 14 show that, in the frequency range 

[0.5÷5] (Hz), when considering the same natural frequency 

value fnse, the response values Gda and Gdz reach their 

maximum at the resonance frequency. The smaller the 

damping ratio ξse, the larger the response amplitude. 

Specifically: 

+ Figure 13: With ξse=0.1, the maximum acceleration 

response value Gda_max1 is approximately 3.25 times and 2.5 

times the maximum acceleration response value Gda_max2 

with ξse=0.4, respectively, according to fnse=2.5 (Hz) and 

fnse=4 (Hz). 

+ Figure 14: With ξse=0.1, the maximum relative 

displacement response value of the seat suspension system 

Gdz_max1 is approximately 3.4 times and 2.9 times, 

respectively, the maximum relative displacement response 

value of the seat suspension system Gdz_max2 with ξse=0.4, 

corresponding to fnse=2.5 (Hz) and fnse=4 (Hz). 

 

 
Fig. 13. Driver acceleration gain response Gda in the frequency 

domain. 

 

Fig. 14. Seat suspension relative displacement gain response Gdz 

in the frequency domain. 

4.3. Optimal damping ratio subjected to harmonic 

excitation 

The calculation to determine the optimal damping ratio is 

carried out under the harmonic excitation for each case of 

the natural frequency of the seat suspension system, 

according to the procedure shown in Figure 8. The average 

value of the gain response of driver acceleration, Gda and the 

gain response of seat suspension relative displacement, Gdz 

in the seat suspension damping ratio domain are determined, 

for each case the seat suspension natural frequencies, 

fnse=2.5 (Hz) and fnse=4.0 (Hz), are shown in Figure 15 and 

Figure 16, respectively. 

 

 
Fig. 15. The average values of the gain responses of Gda and Gdz 

in the ξse domain, with fnse=2.5 (Hz). 

 

The obtained results, Figure 15 shows that, when 

gradually increasing the value of ξse in the region [0.1÷0.25], 
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the Mean Gda value gradually decreases and reaches a 

minimum at ξse=0.25 with Mean Gda=0.22. In contrast, in the 

region ξse [0.25÷0.8], the Mean Gda value increases with ξse. 

The average acceleration gain response in the frequency 

domain reaches the minimum value at ξse=0.25 which is the 

value of the optimal damping ratio ξse_opt1_h. The minimum 

of Gda obtained at ξse_opt1_h is lower than that of 7.64% in 

comparison with the average value, in the whole range of 

observed damping ratio ξse. 

 The average gain response of relative displacement in 

the frequency domain of the seat suspension system, Mean 

Gdz value always decreases with increasing damping ratio 

ξse, at ξse_opt1_h=0.25, Mean Gdz = 0.832, the harder 

suspension system the lower the displacement. This value is 

18.52% higher than the average of Mean Gdz in the entire 

range of observed damping ratio ξse. 

Similarly, the obtained results in Figure 16 show that, 

with fnse = 4.0 (Hz), Mean Gda gradually decreases and 

reaches a minimum at ξse=0.4 with Mean Gda=0.315. 

Therefore, for fnse=4.0 (Hz), the optimal Gda acceleration 

gain response is obtained at the value ξse_opt2_h=0.4. This 

minimum Mean Gda value is 3.37% lower than its average 

value in the entire observed damping ratio domain. In 

addition, it can be easily seen that in the case of lower natural 

frequency, the obtained comfort is 30.2% better than the 

case of higher natural frequency. The stiffer the suspension, 

the higher the acceleration obtained. In addition, the larger 

the damping ratio ξse, the lower the relative displacement 

gain response of the seat suspension, at ξse_opt2_h=0.4, Mean 

Gdz = 0.563 is 2.76% lower than the average value in the 

entire observed damping ratio domain. For the case of low 

natural frequency, fnse=2.5 (Hz) at ξse_opt1_h=0.25, the 

obtained Mean Gdz is approximately 47.8% greater than 

fnse=4.0 (Hz) at ξse_opt2_h=0.4, corresponding to the stiffer the 

suspension the smaller the displacement. 

 

 
Fig. 16. The average values of the gain responses of Gda and Gdz 

in the ξse domain, with fnse=4.0 (Hz). 

4.4.  Optimal damping ratio subjected to random excitation 

Calculations are carried out under the random excitation to 

determine the driver acceleration parameters taking into 

account the influence of frequency weighting according to 

ISO-2631 [3] with two optimal cases found in section 4.2 

above, Figure 17. The results show that, in the case of low 

natural frequency fnse=2.5 (Hz), the comfort is higher than in 

the case of high natural one fnse= 4.0 (Hz). Specifically, in 

the case of lower natural frequency, the obtained comfort is 

47.1% better than the case of higher natural frequency, and 

this value is close to the case with the harmonic excitation 

of 30.2%. 

 

 
Fig. 17. Driver frequency weighted acceleration in the time 

domain. 

 
Fig. 18. RMS of driver frequency weighted acceleration in the 

ξse domain.  

 

The calculation is carried out similarly under the random 

excitation with 2 cases of natural frequency of the 

suspension system, the RMS value of the driver's frequency 

weighted acceleration is determined, corresponding to each 

value of the damping ratio ξse in the observed domain. The 
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obtained RMS value of the driver frequency weighted 

acceleration in the damping ratio domain, with two cases of 

high and low natural frequency, is shown in Figure 18. 

The obtained results show that, under the random 

excitation in the condition that the vehicle is moving with an 

average speed of 40 (km/h), the random excitation 

frequency is from [0.25÷20] (Hz) [13], with fnse=4.0 (Hz), 

the RMS value of driver frequency weighted acceleration is 

always greater than the case fnse=2.5 (Hz) for every ξse in the 

observed range [0.1÷0.8]. Besides, with fnse=2.5 (Hz) and 

fnse=4.0 (Hz), the RMS value of the driver frequency 

weighted acceleration reaches the minimum at ξse_opt1_r=0.15 

and ξse_opt2_r=0.3, respectively, which is slightly smaller than 

the corresponding one obtained in the case of harmonic 

excitation. The minimum RMS values of the driver 

frequency weighted acceleration corresponding to the two 

cases of low and high natural frequencies are smaller than 

their average values of 24.19% and 6.44%, respectively in 

the entire observed damping ratio ξse. 

5. CONCLUSIONS 

The influences of the spring-shock absorber parameters of 

the seat suspension on the gain responses of the driver 

acceleration and relative displacement was investigated by 

the quarter-car 2DOF dynamic model. The calculations are 

carried out with 2 cases of natural frequency of the seat 

suspension under the harmonic and random excitations. 

Specifically, the random excitation is determined based on 

the experimental acceleration data measured at the driver's 

seat position according to ISO 8608. With the power spectral 

density Φ0 = 5.8x10-8 (m3/rad), the calculated acceleration 

has an error of 1.13% compared to the experimental one. 

The harmonic excitation with amplitude was chosen to be 

the RMS of the random displacement defined above.  

For the case of harmonic excitation, the optimal damping 

ratio is determined based on the minimum average gain 

response of frequency weighted acceleration in the entire 

observed damping ratio domain. For the case of random 

excitation, the optimal damping ratio is determined based on 

the minimum RMS value of the frequency weighted 

acceleration in the damping ratio domain. The smaller 

optimal damping ratio is determined for the correspondingly 

lower natural frequency case. And correspondingly, for 

higher natural frequency, a larger optimal damping ratio is 

determined. In addition, with random excitation, the 

determined optimal damping ratio is always smaller in both 

low and high natural frequency cases than their optimal 

values determined under the harmonic excitation. The 

obtained results are as follows: 

- Harmonic excitation: with soft seat suspension, 

corresponding to low natural frequency fnse=2.5 (Hz) the 

optimal damping ratio value ξse_opt1_h=0.25 is obtained. 

With a harder seat suspension, corresponding to fnse=4.0 

(Hz), ξse_opt2_h=0.4 is obtained. In which, with fnse=2.5 

(Hz), Mean Gda value decreases to 30.2%, Mean Gdz 

value increases to 47.8% compared to when fnse = 4.0 

(Hz). In addition, the minimum Mean Gda values 

obtained are lower than their average values in the entire 

damping ratio by 7.64% and 3.37% respectively for low 

and high suspension natural frequencies. 

- Random excitation: the soft seat suspension corresponds 

to the case of low natural frequency fnse=2.5 (Hz), 

ξse_opt1_r=0.15 has a 47.1% better comfort than the harder 

suspension corresponding to the case fnse=4.0 (Hz), 

ξse_opt2_r=0.3. Therefore, the optimal damping ratio 

determined with the random excitation is smaller than 

their obtained values with the harmonic excitation. 

Moreover, the minimum RMS values of the obtained 

frequency weighted accelerations are lower than their 

average values over the entire damping rate domain of 

24.19% and 6.44%, respectively, for low and high 

natural frequencies of the seat suspension. 
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